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ANALYSIS OF SELECTED CASES OF IMBALANCE AND DYNAMIC
PROPERTIES OF TURBOCHARGER ROTATING ASSEMBLIES

Summary. The efficiency and reliability of the propulsion system of, for example, a vessel
equipped with a supercharged combustion engine, largely depend on a properly working
turbocharger. Despite the use of a sophisticated bearing system and a turbocharger rotating
assembly, its constructors struggle with ensuring its dynamic stability. This study presents a
dynamic model of a turbocharger rotating system, along with the corresponding numerical
calculations. The model addresses the issue of vibration damping in non-locating plain
bearings and its impact on the rotating unit of the turbocharger. As a result of numerical
calculations, the areas of stable operation of the rotating unit were obtained. It can be
concluded that the floating ring bearings used in the turbocharger effectively suppress the
vibroacoustic effects accompanying the operating rotating assembly. Furthermore, the
analyses indicate that the causes of turbocharger malfunction can be attributed to excessive
imbalance in the rotating assembly and the improper stiffness of the rotating unit. The
presented research may be beneficial in practice, providing insight into how to extend the
service life of not only the power unit itself, but also the turbocharger.

1. INTRODUCTION

Turbochargers provide greater power and efficiency to multi-cylinder internal combustion engines,
which serve as the main and auxiliary propulsion systems of marine vessels [1-3] (Fig. 1). The basic
assembly that determines the proper operation of turbochargers is the rotating assembly, which consists
of a shaft, turbine, and compressor rotors. This assembly is supported by slide bearings, which, in
addition to their primary function, dampen vibrations. C0-45 turbochargers use slide bearings with a
floating ring operating under hydrodynamic lubrication conditions. These bearings differ from their
conventional counterparts in that they have an additional ring called a floating ring, which is loosely
fitted between the shaft journal and the fixed bearing ring (outer ring).

A number of studies have been conducted to ensure the optimal design of turbochargers, particularly
in terms of their reliability, and their results are used by designers. An analysis of the available literature
shows that turbocharger tests are carried out on complete turbochargers, rotating assemblies, and
individual parts, such as bearings. It is worth noting that the authors of these studies provided only a
limited discussion of their results.

Two main directions can be distinguished in bearing research. The first is research conducted in the
area of static balance [4-8], and the second is research conducted in the area of dynamic balance. The
research models of bearings with floating rings, both in static and dynamic equilibrium, take into account
the fact that the external load is transferred by hydrodynamic forces generated in external and internal
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oil films. For the purpose of analysing heat transfer in bearings with floating rings, isothermal, adiabatic,
and diathermic models are used. A previous paper [8] presents the results of research on the adiabatic
heat transfer model in bearings. In this model, the temperature of the external and internal oil films was
determined based on heat balances, taking into account the circumferential and axial oil flow. Moreover,
the paper presents selected results of turbocharger tests carried out on a test bench. The results of the
tests show that the floating ring of the bearing operates unsteadily and the rotating system generates
vibrations [11-14], which directly affect the durability and reliability of the turbocharger. Additionally,
bench tests have demonstrated that the durability and reliability of the turbocharger also depend on the
geometric parameters of the bearings. However, labor-intensive and costly research efforts have not
provided answers to many questions troubling researchers, especially those concerning bearings with
floating rings.
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Fig. 1. a) Sulzer SBAH22 engine, b) Turbocharger CO-45, c) Slide bearing with a floating ring: 1 — floating ring,
2 — fixed bearing bush, 3 — holes, 4 — circumferential groove, 5 — direction of oil flow, 6 — journal, 7 —
internal oil film (i=1), 8 — external oil film (i=2)

Bearing this in mind, the authors of this paper developed a dynamic model of a floating ring bearing.
In this model, they assumed the actual mass and geometric dimensions of the C0-45 turbocharger, as
well as that the fluid is a viscoelastic fluid whose viscosity changes with temperature. The model was
described by an appropriate set of differential equations, enabling a series of tests on the dynamics of
the turbocharger rotating system and the influence of the operating turbocharger on the power of the
drive unit. It is worth noting that the theoretical results of the tests were verified on a test bench.
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Based on the analysis of the test results, the authors concluded that the vibrations of the turbocharger
rotating assembly at sub-synchronous frequencies result from the instability of oil flow in the bearings,
the difference in the operating parameters of the external and internal oil films, and the geometric
characteristics of the floating bearing ring. The detailed test results are discussed in papers [15-17]. As
mentioned above, research on turbochargers covers many issues, but to the authors' knowledge, it rarely
addresses the phenomena related to vibration damping in sliding bearings with floating rings. Thus, the
authors conducted relevant tests on the C0-45 turbocharger used in marine propulsion systems. The
results presented in this paper have many important theoretical and practical implications, which the
authors believe will fill a gap in the literature on research into phenomena related to ensuring the
dynamic stability of turbochargers.

2. DETERMINATION OF STIFFNESS AND DAMPING COEFFICIENTS

As indicated by the available literature, to study the dynamic properties of an oil film, it is necessary
to know the stiffness and damping coefficients [10]. For a reference system described by the XYZ
coordinates (Figure 2), the coefficients c., and d., describe the stiffness and vibration damping capacity
for displacements on the OXZ plane and the OYZ plane, while ¢, dx. describe stiffness and vibration
damping capacity for displacements on the OXZ plane, taking into account the influence forces on the
OXZ plane. Meanwhile, c¢,x, d,» represent stiffness and vibration damping capacity for displacements on
the OYZ plane, taking into account the influence of forces on the OXZ plane. Finally, ¢,,, d,, indicate
stiffness and vibration damping for displacements on the OYZ plane, taking into account the influence
of forces on the OYZ plane.

These coefficients can be presented in dimensionless form as follows:
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Fig. 2. The system of forces in the bearing in the dynamic equilibrium position, where i =1 — inner oil film,
1 =2 — outer oil film, (Ox))o— static equilibrium position, (Ox))d — dynamic equilibrium position, On —
center of the shaft journal of the rotating assembly, O — center of the floating ring, O2 — center of the
fixed ring, for i = 1 O)=0s and Oy2)=0n2, for i= 2 Oyi=0r2 and O2=02, SON — reference system
related to the center of the journal, floating ring and fixed ring, XOY — basic reference system
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The coefficients above can be determined based on the linearization of lift in the dynamic equilibrium
position or the linearization of pressure near the dynamic equilibrium.

To determine the stiffness and damping coefficients, the authors used the method of pressure
linearization in the position of dynamic balance. Linearization of the pressure function can be carried
out by expanding the pressure function in the Taylor series at the position of dynamic balance p; =
pa(x,z), while maintaining the terms containing the first derivatives:

Pii =Dyt (apJAx+[@ijy+[8p]Ax+(ap]Ayi ()
axol d a-)}()l d ax a»)}()l d

where: o — a static reference system related to a journal or a floating ring, /=1 — internal oil film, i=2 —
external oil film, d — reference system related to static/dynamic balance.

The development described by Equation (2) is correct for small vibrations of the journal and the
floating ring around the balance position, in which the local change in the viscosity value caused by the
change in the height of the lubrication gaps is negligibly small.

The equations of excess hydrodynamic force take the form described by Equation (3).

AF, i ch1+sz Cxxi ¢ i AX d;oci d i Ax
AF, =] = ‘ N { ’} ’ [ } 3)
AF'Lyl Fcyl + del nyi C)yi Ayl dyxi dyyi Ayl
The stiffness and damping coefficients presented in dimensional form are:
B/2 21
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The bearing model in the static balance position is described by the following quantities:
— relative eccentricity, determined by the relationship:
e.
& =— 5
e )

— The Sommerfeld number, which is:

for the internal oil film S,

Ny (a’l‘*‘a)z)'Dl'B( R T ©)
F
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D,-B ’
for the external oil film S, :774]’ M B ( R, ]
£ Cra
In the dynamic model, the relationship between the Sommerfeld number S, and the relative
eccentricity & was determined from the balance condition between the components coming from the
static bearing load F' and the load capacity of the oil film F;. This relationship can be presented in a
dimensionless form:

st

L= — 2 v5
" B, 1 L _ —CosSQ;
;7: = —= S, I—*3(8i(l—2(pi)s1nqoi—15icos¢i . ? do, (7)
fo=—2 D, ol sin ¢,
“F
where: &, :Lﬁ, p, _Lldo
a; dt a; dt

For static balance conditions when &, =(g),, (¢,)=(¢),> and &, = ¢ = Obetween the forces of the
oil film expressed in a dimensionless form, there is a relation:

(f R+ R =1 (8)

3. DISCRETE MODEL OF A TURBOCHARGER ROTATING SYSTEM

A discrete model of the rotating assembly (shown in Fig. 3) was developed to study the impact of
the above-mentioned factors on the operation of the turbocharger.

i .
Fig. 3. Discrete Dynamic model of the turbocharger rotating assembly with bearings [10] where: m;+ms —
concentrated masses, ¢x, ¢y — stiffness coefficients, dx, dy - damping coefficients, £ — Young's modulus,

I—moment of inertia, mx1, mas — imbalance of the rotating masses, m, ;-d, -a)12, Myy-04- a)12— forces
resulting from mass imbalance, a, b, ¢ — distance between concentrated masses

The equations of motion written in matrix form on the OXZ and OYZ planes are as follows:
M, ] [&]+[D, } &)+ D, ]+ e, T Ix]+|ey [ [ =[F o] o
M, [ 51+ 10y, [ 31+ Dy )+ ey, T+ ey =R o)

The stability of the rotary unit was assessed based on the Hurwitz criterion. According to this

criterion, the necessary and sufficient conditions for the stability of the assembly are that all the real
parts of the roots of the characteristic equation are negative.
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4. NUMERICAL CALCULATIONS

The areas of stable operation of the rotating unit were determined in three stages. In the first stage,
in the balancing position, the following were determined: the load capacity of the oil film F7, the relative
bearing eccentricity &1, height of the oil film Ai(x), pressure pi(x,z), and temperature distributions 7i(x,z)
in the oil films. In the second stage, for the dynamic equilibrium position determined by the eccentricities
g and &, the values of the bearing stiffness coefficients ci, and damping coefficients d;., were
determined. In the third stage, the area of stable operation of the rotating unit, including bearing supports,
was determined.

The values used for the numerical calculation of the rotating turbocharger unit are shown in Table 1.

Table 1
Set parameters

1. Inner diameter of the inner and outer bearing rings:

D, =31.752, D,=37.986 mm,

radial clearance quotient: C*3=Cr2/Cr; =0.5, 1.12, 2.0,
bearing width: B=8.71 mm

2. Geometric parameters of the rotating assembly:

a=0.055 [m], b=0.075 [m], c=0.045 [m], ,=0.15-10"° [m"]
3. Relative eccentricity: & = <0.3-0.8>

4. Bearing ring rotational speed N,;1=<26,000—42,000>RPM

5. Oil viscosity: T](T ) =(.184. ¢ SVHO (20230108 (1207,
Oil density: p(T)=896.25-1.4375-74+6.25-107- T? kg/m’
Specific heat: ¢,(T)=1802.07-2.878- 7+0.0087- 7% J/kg-°C
Thermal conductivity of the oil: 4=0.145 J/kg-°C

6. Young's modulus of elasticity: E=1.915-10"' N/m?,

7. Concentrated masses:

mi=5.0, my-0.3, my= 0.25, ma= 2.0, ms= ms= 0.055 N-s*/m
8. Imbalances of rotating masses:

N,=<0-3.8-10"> N,,=<0-2.5-10" > kg'm

9. Ambient and bearing oil temperature: 7y =20, 7> =60°C
10. Bearing oil pressure: p. =0.1 MPa

Tests were performed for both static and dynamic equilibrium positions. The position of the floating
ring relative to the fixed ring, which was determined by the relative eccentricity &, was taken as the
setpoint. The scheme for solving the equations of the mathematical model is shown in Fig. 4.

For the static equilibrium position, m, in the following were calculated: hydrodynamic buoyancy
force F, maximum temperature 77 2 mar, and oil film pressure p; 2 mar, as well as minimum oil film height
hi12min. Fig. 5 shows the effect of bearing journal speed N,; and eccentricity &2 on the hydrodynamic

F - '//12
4'B'R| '(a)l +a)2)'770

buoyancy force, which was presented in the dimensionless form, F*;; = ,and

2
F -y, , where y, = Crin
4-B-R, -, 1, ’ R,
equilibrium in the nodes of the rotating unit, the amplitudes of displacements and accelerations of
vibrations x;23,.6,V1.23,..6, Ay1,23 .6 Gx123,..s Were determined.
Calculations of the influence of the asymmetry of the turbine and compressor rotors and the rotational
speed of the rotating unit on the vibration level were carried out for two selected sets of values:

F'ia= . On the other hand, for the position of dynamic
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I set: Nii=3.8, Nws=2.5 [kg-m], Nn=26,000-42,000 RPM
I set: Nyi=1.9, N\wa=1.25 [kg-m], Nn=26,000—42,000 RPM

For selecting the optimal solution:
1. Min. movement resistance: p=;,
m
\\ @.=const

Tolerances:
Type of oil: - geometricz}l < tol =
m=n(T), p=p(T), - operationa Dynamic tolerances - LT
cp-cp(T)A=const - kinematic 2. Mllr.umal vibration level
- oil viscosity (x, y),z,},...e ’(x’yll,},mé i
iti ; Calculation in the position \ 4
Position of static balance, . of dynamic balance. Testing
eccentricity tasks €, Calculation the stability of the rotating Result values
e =) o in the position assembly
AN "—“Bj\\ i of static balance s mop oo om FL, &, D Dimans Timax
- Yes . . .
N, - ‘\\.\ . Yes| Result values: Yes i . ! e > Selection of the optimal solution
Ou\)\? ' E':’}?'z;) T mH & &y W= Mo
D, v p ::pfx,é), e, $ . me
> / 4 T=T(x, 2). é " (X’y)l,2,3,...()’QI\"aV)23___6 )
L »%2%5+0 lmin
e Result values
& =Cy., " Displacement trajectory )
" ‘of the bearing journal (x’y)v2=3v---°’ (a-"ay 12.3,.6
T AAA No T No T No No
Limit values:
Power conditions Limit values: (x,y)l 23..6
p. T, Pim> Lims Bl QI )
w26 lim

Fig. 4. Controlling the process of calculating the static and dynamic properties of turbocharger rotating
assemblies

The displacement amplitudes are shown in Figs. 6 and 7, and the acceleration values that are related

* a. . .
to the gravitational acceleration a, ;55 ¢= % are presented in (Fig. &, 9).
et g=981m/s
From the results of  the tests (Fig. 5) of  dimensionless loads
* F * 2 * * F * 2 * .
Fu L ¥ =F 1 (N,,&), F = L Vo =F 1n(N,,&,), it

4'B'R1'(a)|+a)2)'770 4-B-R, -, -1,
can be observed that the position of the bearing journals and the inner and outer oil film has a significant
effect on the amplitudes of vibration displacements in the direction of the x and y coordinates. The
calculations show that for £=0.85, the rotating assembly is stable in the whole tested speed range

N,,=(26000—42000)RPM. On the other hand, for eccentricity £=0.7 and 0.6, it is unstable over the

entire tested velocity range.
The results of numerical studies shown in Figs. 6 and 7x,  (N,,& =0.85)and

Vs ¢(N,,&, =0.85)are increasing functions. Bearing nodes x_, and y = have much lower
acceleration amplitudes than turbine rotor and compressor nodes x, , and y, ,. Reducing the asymmetry
of the turbine and compressor rotors significantly reduces amplitudes x, , and displacements y, ,in

these nodes.
The mass of the turbine rotor is much greater than the mass of the compressor rotor. This increases

vibration displacements on the compressor side, where x, >x, and y, > y,
Similarly, for the research results described above, the courses (Figs. 8 and 9) of accelerations
ax12..6 (N,,) and displacements y, , =y,, (N, ), which are increasing functions, are presented.
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The bearing nodes (5, 6) have much lower acceleration amplitudes than the rotor nodes—turbines and
* * * * . .

compressors (1, 4): a, ¢ <a, ,and a5 <a, 4 y, ,. As the calculations carried out for two sets of data

show, the reduction of the imbalance of the rotors of the turbine and compressor reduces the acceleration

. * * . .
amplitudes @, ¢,d,, 4. The case under study involves a double reduction.

3
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Fig. 5. Influence of rotational speed of the rotating assembly and relative eccentricity on the dimensionless load

of slide bearings with a floating ring
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Fig. 6. Influence of the rotational speed and imbalance of the rotating assembly on vibration displacement
amplitudes in the direction of the x and y coordinates in the structural nodes of the rotating assembly for

imbalance on the turbine side N, =3.8-10 kgm and the compressor side N, ,=2.5-10" kgm
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Fig. 7. Influence of the rotational speed and imbalance of the rotating assembly on vibration displacement
amplitudes in the direction of the x and y coordinates in the structural nodes of the rotating assembly for

imbalance on the turbine side N, =1.9-10~ kgm and the compressor side N, =1.25-10" kgm
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Fig. 8. Influence of the rotational speed and imbalance of the rotating assembly on the amplitudes of vibration
accelerations in the x and y direction in the rotating assembly nodes for the imbalance on the turbine side

N,,=3.8-10" kgm and the compressor side N,,=2.5-10" kgm
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Fig. 9. Influence of the rotational speed and imbalance of the rotating assembly on the amplitudes of vibration
accelerations in the x and y direction in the rotating assembly nodes for the imbalance on the turbine side
N, =1.9-107 kgm and the compressor side N, =1.25-10" kgm

5. CONCLUSIONS

A review of the available literature revealed that a turbocharger combined with an injection system
significantly impacts the performance and reliability of the main and auxiliary engines of marine vessels.
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This phenomenon can be explained by the specific operating parameters of marine engines, which
are usually operated at low and variable loads. This leads to incomplete fuel combustion in the cylinders,
which, in turn, has several subsequent effects on the turbocharging system. These include erosion,
reduced performance and efficiency of the turbocharger, loss of stability in the mechanical system, and
vibrations that accelerate bearing wear and fatigue cracks in the rotor blades. These problems confirm
that a research gap still exists in this area and that the research presented by the authors remains highly
relevant and necessary.

The present study demonstrates the impact of vibration damping in sliding bearings with a floating
ring on the operation of an imbalanced turbocharger rotating assembly. The research was conducted on
a rotating assembly in which the masses of the turbine and compressor rotors were configured
asymmetrically in accordance with the technical documentation of the turbocharger. The operating
parameters of the rotating assembly were calculated for different imbalance values between the turbine
and compressor rotors. Due to the materials used, the authors assumed different masses of the turbine
and compressor rotors and used an adiabatic heat transfer model to calculate the bearing operating
parameters. The results of the numerical calculations show a high degree of agreement with the tests
carried out on a test bench.

A comparative analysis of the calculated values of displacement and vibration acceleration of the
rotating assembly indicates that bearings with floating rings effectively dampen the vibroacoustic effects

accompanying the operation of the rotating assembly: X; ; <<X, jand Y;, <<}, , and a;ﬁ << a;’ 4 and
* *
d},5’6 << 0}71’4.

It was also noted that turbocharger failures can be caused by the excessive imbalance of the rotating
assembly, which was confirmed by the results of braking tests. At high imbalance values of N,,=3.8,
N,4=2.5kg-m, a significant increase in vibration displacement amplitudes was observed in the turbine
and compressor rotors. Excessive increases in these amplitudes can lead to contact between the turbine
and compressor rotors and the housing, which can also result in turbocharger failure.

The inclusion of the presented test results in the turbocharger design process is believed to improve
the durability and reliability of turbochargers, which is significant in the context of marine propulsion
systems.

Furthermore, in the authors’ opinion, this research offers a promising approach to addressing specific
challenges, including those related to the imbalance and dynamic properties of rotating turbocharger
assemblies. This area of research will undoubtedly require further analysis and testing, including
assessments of the durability of the propulsion system in light of the problems associated with operating
turbochargers in marine conditions.
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